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Abstract. Facing environmental and energy challenges, automotive industry has to improve
the fuel economy of vehicles and to reduce their polluting emissions. In this particular
context, small twin-cylinder engines regain interest for using in urban cars or as prime
movers in hybrid electric cars. One difficulty with engine having few cylinders (three or less)
comes from the balancing of the inertia forces created by the moving parts. Several models
(from simple analytical model to complex flexible multibody simulation) of different
configurations of twin-cylinder engine are developed. These models allow computing the
inertia forces and moments generated by the engines and computing the strains and stresses
of engine components. An important step is the engine balancing by modification of the
crankshaft counterweights or by addition of balance shafts. The effect of the gas pressure on
the balancing and on the component’s strains and stresses is also modelled. At the end, a
comparison of the different configurations of twin-cylinder engine is provided.
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1 INTRODUCTION

1.1 Background

Facing environmental and energy challenges, automotive industry has to improve the fuel
economy of new vehicles and to reduce their polluting emissions. To make cleaner car, a
strategy that is widely used nowadays is the downsizing i.e. replacing large engines by
smaller ones having a higher specific power. In this particular context, small twin-cylinder
engines regain interest for using in urban cars or as prime movers in hybrid electric cars.
Moreover, the twin-cylinder has the advantage of needing fewer parts than a four-cylinder of
the same displacement and thus being less expensive to produce. The main drawback of
engines with few cylinders (three or less) comes from the balancing of the inertia forces
created by the moving parts.

1.2 Objectives

The first section of this paper introduces the background and the objectives of the study.
The second one describes the engine configurations that are studied, the gas pressure model
and the different engine models developed. The next section discusses the most important
results. Finally, a few conclusions end this paper.

The objectives of this study are:

¢ Developing several models (from simple analytical model to complex flexible multibody

simulation) of different configurations of twin-cylinder engine

e Computing the inertia forces and moments generated by the engines

e Balancing the engines by modifying the crankshaft counterweights or using balance
shafts

e Taking care of the gas pressure effect on the balancing and on the component’s strains
and stresses

e Comparing the different configurations of twin-cylinder engine and determining the best
suited configurations to specific applications.

2 ENGINES MODELLING

2.1 Engine configuration

The regarded types of engine (see in table 1) are in-line and boxer (opposed cylinders)
engines with in-phase or out-of-phase motion of the pistons (different crankshaft
configurations).
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Table 1: Four configurations of twin-cylinder engines studied in this paper

2.2 Gas pressure model

The gas pressure in the cylinder has been determined by experiments on an existing similar
diesel engine by Breuer Technical Development (Ref. [1]). The gas pressure at full throttle is
known for every position of the crankshaft angle between 0 and 720 degrees and for different
engine speeds (see Fig. (1)).

Gas pressure in one cylinder
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Figure 1: Gas pressure inside the cylinder for different rotation speeds
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2.3 Analytical model

The first model is an analytical model based on the piston motion equations. The equations
of the inertia forces for one cylinder (Eq. 1 and Eq. 2) are obtained by linearization of the
piston motion equations (Ref. [2]). The oscillating mass is the mass of the piston and the
connecting rod (see Fig. (2)) while the rotating mass is the mass of the connecting rod and the
crankshaft. The assumption is made (Ref. [3]) that one third of the connecting rod mass (small
end) is part of the reciprocating mass and two thirds (big end) is part of the rotating mass (Eq.

4 and Eq. 5).
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Figure 2: Piston motion, inertia forces, oscillating and rotating masses (Ref. [4])
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This model allows calculating quickly the inertia forces and moments for each
configuration of the different types of engine and highlighting the main characteristics of each
ones. Several balancing solutions are also evaluated and compared with this model.
Thereafter, more complex simulations are carried out with rigid and flexible multibody
models but only for the in-phase boxer configuration.

2.4  Rigid multibody model

The second model is a rigid multibody model using finite element approach (Ref. [5]) in
the SamcefField Mecano software (Ref. [6]). This model takes advantages of the actual
geometries of engine parts coming from CAD models. The CAD drawing of the two pistons,
two connecting rods and crankshaft are imported in the Samcef Field environment (see Fig.
(3)). The parts are linked together using appropriate kinematic joints. First, a rigid multibody
(all components are rigid) dynamic simulation is realized with an imposed crankshaft rotation
speed. This simulation allows model validation and it allows also calculating the inertia forces
and comparing them with the forces of the analytical model. Then, the force due to the gas
pressure is added in the simulation to calculate more precisely the load that is applied on each
part of the engine.

Figure 3: Geometric model of the in-phase boxer engine in Samcef Field (Ref. [7])

2.5 Flexible multibody model, static simulation

A static simulation is carried out on the crankshaft meshed with flexible element. The load
cases come from the rigid multibody simulation that has been conducted earlier. The larger
forces calculated in the previous model are applied directly on the crankshaft to make first
estimations of the maximum values of crankshaft strains and stresses.

2.6  Flexible multibody model, dynamic simulation

Thanks to the finite element approach that is implemented in SamcefField Mecano, a
dynamic simulation is made with pistons and connecting rods modelled as rigid elements
while the crankshaft is meshed as a flexible body. The links and kinematic joints used are the
ones of the rigid multibody simulation. With this model, calculation of crankshaft strains and
stresses during all the engine cycle is possible. Several methods to simulate the crankpins and
bearing surfaces (rigid hinge, rigid-flexible contact, bushing and hydrodynamic bearing) are
used and compared.
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3 RESULTS AND DISCUSSION

3.1 Analytical model

First, the inertia forces generated inside one cylinder are considered, in the case of an
engine with no balance shaft and a well-balanced crankshaft. This means that the crankshaft
and the related part of the connecting rod do not produce any inertia forces. We focus mainly
on the forces in the direction of the piston motion (X direction) because there are no resulting
forces in the perpendicular direction (the crankshaft is well-balanced).

Fig. (4) shows that the total force, in the X direction, is the sum of different order forces.
The influence of the fourth order force is already very small and the higher order forces (>4)
become negligible. The aspect of the total force curve depends mainly of the interaction
between the first and second order forces. At the top dead center (0° or 360°), the first and
second order forces have the same direction, so their values add to each other to reach the
maximum value of the total force (10987 N). At the bottom dead center (180°), the second
order force is positive whereas the first order force is negative, thus the second order force
reduces the peak value of the first order force. Therefore, the total force curve is not
symmetric.
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Figure 4: Inertia forces (X direction) for one cylinder (rotation speed of 4000 rpm)

The forces calculated in each cylinder are added up, taking care of the position and phase
shift between the two cylinders, to obtain the inertia forces and moments for the different
configurations of twin-cylinder engine. Each configuration of twin-cylinder is subjected to
two types of inertia loads (first or second order forces or moments).

Several solutions to reduce these loads are evaluated. First, an optimisation of the
crankshaft counterweights is done. Afterwards, different associations of balance shafts (first
or second order balance shafts) are simulated and compared. Fig. (5) shows the maximum
value of inertia forces and moments for different configurations of twin-cylinder engines. The
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two horizontal red lines show the maximum value of forces and moments of an equivalent
(same power) four-cylinder engine in its basic configuration (without balance shaft) that
serves as a reference (Ref. [8] and Ref. [9]).
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Figure 5: Resulting forces and moments for different balancing systems of twin-cylinder engine

The most interesting configuration of engine is the in-phase boxer engine because it does
not need to be equipped with balance shafts to reach a low level of vibrations. Some
modification of the crankshaft counterweights is sufficient to have a well-balanced engine.
Another solution to reduce the loadings is to reduce the distance between bore centers which
is also an advantage for the size of the engine. The most interesting solutions for the other
configurations of engine are: the out-of-phase in-line engine with a modified crankshaft and
one first order double balance shaft, the out-of-phase boxer engine with two first order
balance shafts (it is also possible in this case to reduce the distance between bore centers) and
the in-phase in-line engine with two first order balance shafts.

3.2 Rigid multibody model

The first rigid multibody dynamic simulation is realized with an imposed crankshaft
rotation speed of 4000 rpm and no gas pressure forces acting on the systems. At first, this
simulation allows checking that the SamcefField multibody model has been properly realized
(no error or warning during the simulation, the motion of each part seems correct according to
a visual inspection and the values of inertia forces and moments are consistent with the values
given by the analytical model).

Fig. (6) points out the position (red line), the speed (blue line) and the acceleration (green
line) of one piston during three revolutions of the crankshaft (0,045 seconds). The maximum
acceleration of the piston is approximately 11000 m/s?. Since the oscillating mass (piston and
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connecting rod) weighs 0,985 kg, the maximum value of the inertia force created by one
piston is 10835 N which is close to the value calculated with the equation (10987 N).
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Figure 6: Position, speed and acceleration of one piston

A second rigid multibody dynamic simulation takes into account the effect of the gas
pressure inside the cylinder. This gas pressure creates a force on the piston that is responsible
for the useful torque of the engine. But, this force is also responsible for the important stresses
inside the components and it has to be simulated to carry out strains and stresses analysis. Fig.
(7) shows the forces that are transmitted from one connecting rod to the crankshaft during the
working of the engine. The radial force is maximal (65000 N) during the fuel combustion
when the piston is 7 degrees after its top dead center. The tangential force is maximal 24
degrees after the top dead center and its corresponding value is 36000 N.
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Figure 7: Radial (red line) and tangential (blue line) force acting on one crankpin (in Newton)

3.3 Flexible multibody model, static simulation

A static simulation is done now to determine the maximal strains and stresses of the
crankshaft. The forces acting on the crankshaft are known from the rigid multibody
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simulation and the critical load case is the one where the radial force is maximal. The value
and direction of the radial and tangential forces come from the previous simulation and are
applied on one crankpin. To avoid overstress problems due to a bad modelling of the force
distribution around the crankpin, the forces are not applied directly on it. A flexible ring is
added around the crankpin and linked to it with a contact constraint. The forces are then
applied on the ring. This method gives a better modelling of the contact between the
connecting rod and the crankpin. The boundary conditions are locking of the translations at
crankshaft main journals using the same intermediate rings method and locking of the
crankshaft rotation at one of its extremity (flywheel side). The crankshaft is then meshed with
4 mm tetrahedral elements. Fig. (8) points out the crankshaft displacement and Fig. (9) shows

the stresses.
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Figure 8: Crankshaft strains for the “maximal radial force” load case
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Figure 9: Crankshaft stresses for the “maximal radial force” load case

As it is still close to the top dead center (7 degrees after it), the crankshaft is mainly
subjected to plane bending and not to torsion. The maximal value of the displacement is 1,18
mm at the extremities of the crank webs. The stresses maximal value is higher than 1000 MPa
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at the fillet of the loaded crankpins. Elsewhere, the stresses reach 700 MPa in the central
crank web and 400 MPa in the crankpins. These values of stresses are very high, particularly
at the crankpin fillet. One reason to explain these high values come from the gas pressure
model. The gas pressure that is used here is the maximum measured pressure (full speed and
full throttle). Another reason is the flexible rings used to apply the forces and the boundary
conditions that are only an approximation of the real contact conditions.

3.4 Flexible multibody model, dynamic simulation

The crankshaft of the rigid multibody model is now considered as flexible and meshed
with 8 mm tetrahedral elements. As noticed in the static simulation, the bearing models are
critical, different models are used and compared in this section. The first simulation uses a
“rigid hinge” model for the connecting rod crankshaft contacts and for the crankshaft main
journals. The rigid hinge allows no translation between the two components, only the rotation
is permitted. Fig. (10) illustrates the crankshaft stresses for the “top dead center” load case
(piston at the top dead center at the beginning of the power stroke, there is an important radial
force (45000 N) and no tangential force).
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Figure 10: Crankshaft stresses for the “TDC” load case and the « rigid hinge » bearing model

The second simulation uses a “flexible-rigid contact” model for the connecting rod
crankshaft contacts and for the crankshaft main journals. This model allows defining a bore
diameter slightly larger to take into account a running clearance. Fig. (11) points out the
crankshaft stresses for the top dead center load case and a clearance of 50 um at each bearing.

10
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Figure 11: Crankshaft stresses for the “TDC” load case and the « flexible-rigid contact » bearing model

In the next simulation, a “radial bushing” model is used. The model is similar to the
“flexible-rigid contact” model but it has a radial stiffness to slow down the translational
motion of the crankshaft in the bore. The radial stiffness is used to approximate the effect of
an oil film, its value is chosen constant and equal to 2*10° N/m (see Fig. (12)).
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Figure 12: Crankshaft stresses for the “TDC” load case and the « radial bushing » bearing model

The last bearing model simulated is the “hydrodynamic bearing model” implemented in
SamcefField Mecano. This model simulates the oil film behaviour by solving the Reynolds
equation. The parameters values used for the hydrodynamics bearing are a clearance of 50
um, a oil viscosity of 0,01 Pa.s and no cavitations (see Fig. (13)).

11
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Figure 13: Crankshaft stresses for the “TDC” load case and the « hydrodynamic bearing » model

The “hydrodynamic bearing” model is the most complete model and it is now used to
determine the critical load case and the maximal values of crankshaft stresses (see Fig. (14)).
This critical load case is not the “maximal radial force” load case as expected from the
previous simulations but the “maximal tangential force” load case. The maximal stress value
is less than 600 MPa. Compared to the 1000 MPa calculated with the static model, this value
is more realistic and emphasizes the interest of good bearing models and dynamic
simulations.
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Figure 14 : Crankshaft stresses for the “maximal tangential force” case and the « hydrodynamic bearing » model

4 CONCLUSIONS

Each configuration of engine has its own characteristics in terms of inertia forces and
moments. The in-phase in-line engine produces first and second order forces. The out-of-
phase in-line engine produces second order forces and first order moments. The in-phase
boxer engine generates first and second order moments. And the out-of-phase engine

12
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produces first order forces and second order moments. For all these engines, different
combinations of balance shafts and crankshaft are compared in order to minimise the forces
and moments.

The rigid multibody simulation allows calculating quickly inertia forces and moments
inside the engine without having to write and solve complex equations. Moreover, the exact
forces acting on each component are also known from this simulation. With theses forces, a
static simulation is done to evaluate the crankshaft strains and stresses. The main advantage of
the static simulation is that it does not need too much computing resources. Nevertheless, the
difficulty to apply correctly loads and boundary conditions limits the results accuracy. The
flexible multibody dynamic simulation solves this problem and it allows carrying out strain
and stress analysis during all the engine rotation. Thus, thanks to these kinds of simulation,
designers can take into account resistance and deformation criteria from early design stages.
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